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The article deals with atwo-mass above resonant oscillatory system of an eccentric-pendulum type vibrating
table. Based on the model of a vibrating oscillatory system with three masses, the system of differential equations
of motion of oscillating masses with five degrees of freedom is compiled using generalized Lagrange equations of
the second kind. For given values of mechanical parameters of the oscillatory system and initial conditions, the
autonomous system of differential equations of motion of oscillating masses is solved by the numerical
Rosenbrock method. The results of analytical modelling are verified by experimental studies. The two-mass
vibration system with eccentric-pendulum drive in resonant oscillation mode is characterized by an instantaneous
start and stop of the drive without prolonged transient modes. Parasitic oscillations of the working body, as a
body with distributed mass, are minimal at the frequency of forced oscillations.
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1. Introduction

Vibration machines have become widely used in various fields of production and engineering, which
is confirmed by research of Bednarski et al. [1], Filimonikhin et al. [2], Nadutyi ef al.[3]. This indicates the
relevance and current importance of the use of vibration technique.

Researchers, e.g., Babitsky [4], Luo [5] and Sokolov [6], claim that a significant number of vibration
machines are vibration-shock type, which are in the category of nonlinear machines and can operate in both
non-resonant and resonant modes.

The influence of own frequencies in the resonance and above resonance range of the connected
system and the dynamic character of the system at the presence of applied oscillatory loads are among the
most important issues in the design of various-purpose hardware and engineering tools. Usually, in such

“To whom correspondence should be addressed



Analytical model of the two-mass above resonance ... 117

systems, the working element is a base plate—table, or a plate in the form of a plane of a given configuration
and geometric dimensions.

Tymoshenko's beam and plate studies have become wide spread. The linear and nonlinear parameters
of the main frequency of the conical beams of Tymoshenko were determined by Rajesh et al. [7] with the
method of the interconnected bias field; closed-form dependencies were derived as a ratio often in the form of
functions of the flexibility coefficient, the coefficients of the maximum amplitude for boundary conditions with
the hinged beam. ANSYS Parametric Design Language was used by Gharaibeh et al. [8] to create finite element
models and calculate the first intrinsic frequency of the plate and the mode shape. Joubaneh et al. [9] performed
a vibration analysis of the sandwich panels, and the master equations for the motion were obtained by
Hamilton's principle with using the generalized differential quadrature method (GDQ). Also, these authors
simulated in SolidWorks and experimented with free and forced vibration at different boundary conditions.
Xianjie et al. [10] calculated the shift and forms of mode by a numerical method for a T-shaped plate using the
Rayleigh — Ritz procedure for free and forced oscillations. These studies relate to beams and plates, which are
elements of a single mass system with a given number of fixed points rigidly or elastically.

Mirzabeigy et al. [11] investigated the free vibration of a two-mass system with nonlinear
connection. Using the energy balance method based on the Galerkin — Petrov mathematical method these
authors obtained amplitude-frequency dependencies for the generalized Duffing equation of vibration wave.
The studies were theoretical. Panovko et al. [12] experimentally investigated the dynamics of the model of a
serial two-mass oscillatory system with two unbalanced vibration exciters. The same authors analysed the
effect of changes in the frequency of deviations of synchronous rotation on the forms of vibration of the
carrier body and the mutual phase shift of imbalances. Jia-Jang Wu [13] investigated the system by replacing
each elastic-mass system with three degrees of freedom by means of set of equivalent masses so that the
dynamic characteristics of a rectangular plate (or main structure) with any number of elastic fixed masses
with concentrated parameters could be obtained from the same plate containing identical sets of rigidly
attached equivalent masses. This method can be applied to the numerical procedure of solution of the system.

Vera et al. [14] investigated a system consisting of a plate and an elastically mounted additional
mass with two degrees of freedom. The authors simulated an analytical model based on Lagrange
multipliers, analyzed the shapes of modes with different design configurations and vibrational frequencies.
Gursky et al. [15] carried out a complex dynamic analysis of a vibration shock system according to
analytical dependencies based on the rod system and calculated the natural frequency of free oscillations and
contact stiffness by the finite element method. The same authors simulated the bending of system
elements.Gorman et al. [16-20] applied the method of superposition and experimentally investigated free
oscillations of different sizes and designs of rectangular plates with different boundary conditions, point
supports and with partially bounded edges.Abrahams et al. [21, 22] investigated plates fixed at one edge,
with static or dynamic loads; the other edge had mixed boundary conditions. The task was reduced by these
authors to the Wiener-Hopf matrix equation, which was solved by an approximate factorization scheme.

In the open literature sources there is a lack of quantitative analysis regarding the effect of plate sizes
and boundary conditions properties on the characteristics of vibration of rectangular plates, both free
oscillations and forced. The above analysis shows that the relevant task of theoretical and experimental
nature is to develop an analytical model of a two-mass above resonance system for practical use on the
specific equipment with a mechanical vibration excitator, in particular of the eccentric-pendulum type.

2. Description of the problem

The schematic diagram of the proposed vibration table of the eccentric pendulum type is given.
Working body (1) is mounted on a fixed base through vibroisolating elastic elements (2) (elements with low
rigidity in the vertical direction). In the frame of the working body1 the drive shaft (3) is installed, on which
the pendulum (4) is spindled with eccentricity of €. The asynchronous electromotor (6) drives the shaft (3)
through the petal coupling of (5). Due to the rotational motion of the shaft with a rate speedw, the Fj
excitation force vector arises and drives the oscillatory system. The mass of m; is oscillated in counter-phase
to the pendulum of m; mass. By mass ofim;we mean the mass of the (m,,;) working body with particle of
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Kketas:' Mioqe mass of the load ratio. The working body takes this mass as fully attached to it during vibration.

shaft with eccentricity

the working body ___TT__

a) b)

Fig.1. Schematic diagram of the vibration table of the eccentric-pendulum type: (a) side view and (b) front.

This is a two-mass above resonance oscillating system. The center of mass of the pendulum is
lowered on H,; relative to the axis of rotation of the shaft, the transmission of force to the working body in
the vertical direction is complete, in the horizontal direction - partial (the lower the center of mass of the
pendulum relative to the axis of rotation of the shaft, the smaller the power transmission in the horizontal
direction). The angle of deviation y of the pendulum is small.

The structural solution of the working body provides high rigidity of the design at rather small
weight. The first natural frequency of the working body is v; = 200 [Hz] (Fig.2), which is four times higher
than the forced v, = 50 [Hz]. Accordingly, the parasitic oscillations of the working body, as a body with

distributed mass, will be minimal at the frequency of forced oscillations.

Value = 197.55 [Hz]

Fig.2. The first natural frequency of oscillations of the working body as a body with distributed mass (table
dimensions of 7200 x 900mm), according to the method of finite elements in environmentof the
CosmosWorks module in SolidWorks software.

The aim of the study is to develop a mathematical model based on analytical modelling of the
characteristics of a two-mass above resonant oscillatory system at generalized coordinates and to design
parameters of structural elements of vibrating tables for practical implementation of vibration technologies.
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2. Analytical model of a two-mass above resonance system of the vibrating table
2.1. Physical model of a vibrating machine

Consider a plane model of a vibrating machine, sufficient for its mathematical description. We
establish the basic coordinate system of xyz, the xy plane of which passes perpendicular to the axis of rotation
of the shaft with eccentricity, and the y-axis is directed vertically (Fig.3). The z axis coincides with the center
of m; mass.

the center of mass m. /

the center of mass m,

Fig.3. Physical model of a vibrating table.

The mechanical oscillating system consists of three absolutely rigid bodies: a working body of mass
m; with a J; moment of inertia relative to the axis passing through the center of its mass perpendicular to the
xy plane; an eccentric shaft of m, mass with a J, moment of inertia for the axis of rotation and a pendulum of
msmass with a J; moment of inertia relative to the axis passing through the center of its mass perpendicular to
the plane of xy. Jstakes into account the moment of inertia of the electric motor rotor, in contrast to the
msparameter, which does not take into account the mass of the rotor. Such connection is provided by the
petal coupling, on axes of x-y the mechanical linkage is provided between the shaft and the electric motor
which practically does not transfer oscillating movement of the working body on these axes on the rotor of
the electric motor.

The plane or two-dimensional model of the vibrating machine consists of three bodies connected by
two kinematic pairs of the fifth order. In this case, the motion of the system can be described by five
independent coordinates: the oscillation of the m; mass along the x, y axes and around its own center of mass
in the xy plane, respectively, by the generalized coordinates of x;, y;, and ¢;; rotational motion of m, and m;
masses around their own centers of mass in the xy plane by generalized coordinates of @, and @;.
Additionally, we consider the generalized coordinate to be the M moment of excitation of the electric motor.
The oscillating system has six degrees of freedom. The plane mechanism has three solids (# = 3) connected
by two kinematic pairs of the first kind (p = 2), in this case the number of degrees of its mobility is defined
as3n—2p=3-3-2-2=35.

The distance from the center of m; mass to the axis of the shaft is denoted by H;,, and from the
center of eccentricity to the center of mass m; as H,;. The horizontal distance from the vibration isolators to
the center of mass of the working body is denoted as H;;. The oscillating system is mounted on a fixed base
through vibration isolators attached from below to the working body, and their stiffness coefficients along
the x and y axes are ¢, and ¢,, respectively.

To take into account the influence of the medium, we introduce the coefficients of viscous friction
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that are proportional to the velocity. The coefficients p, and p, determine the energy dissipation in the
vibration isolators during the movement of the m; mass along the x and y axes, respectively. Coefficients p,
and pn, we will be considered as a complex indicator that additionally also takes into account the viscous
resistance caused by the influence of the m,,, mass of the loading medium. The coefficient [i, reflects the

viscous friction in the bearings between the working body and the shaft (between masses of m; and m,), and
{i ; — between the shaft and the pendulum (between masses m, and mj3).

2.2. Development of the analytical model of the oscillating system

We write the linear and angular coordinates of each of the masses m;, m, and m; for the scheme of
the vibrating table according to Fig.3. After deviation from the equilibrium position of the center of m,; mass,
we will write the coordinates of the center of m; mass along the x and y axes as

(x;) and (y;). 2.1

The angular deviation of m; mass from the natural center of mass and mass of m, and m;around the
natural centers of mass we can write respectively as

o ¢; and  (—03). (2.2)

Coordinates (2.1) and (2.2) are generalized. The linear coordinates of centers of mass m; and m; are
determined through the generalized coordinates as follows

)C2 :_XJ +H12 Sin¢1; x3 =—x1 +H12 Sin(l)] +SCOS¢2 —H23 Sin¢3;
2.3)
yy=-y;—Hjco8¢,; yz;=-y,—Hj,cos¢,+esing, —H,;cos¢;.

We have nine coordinates that fully describe the motion of three oscillating masses in a plane. Since
the angular oscillations of the working body (mass m;) and the pendulum (mass m;) around their own centers
of mass are small, to simplify further calculations we use the following approximations: sing,;, =@, ,

cos®,; , ~ I, which are fulfilled at small values of ¢, .. Then above coordinates (2.3) of the centers of mass

m; and m; will take the form of

Xy==x;+Hpp05  xz=—x;+Hjp0,+ec080, — Hyz 035

(2.4)
y2==y;—Hpy; y3==y;—Hjy+esing, —H;.
Let us find the time derivatives of the coordinates of the masses m;, m, and m;
Xp=—xp; Vi==yrs d)lz_d)];
Sy ==k Hpp
vo==yii o br=bs: (2.5)

Xy ==X+ H;; 0, —¢,sind, —Hy; 055

y3=—y;+ebycosy; b3 =—b;.
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The system of differential equations of motion of oscillatory masses for five degrees of freedom will
be compiled using generalized Lagrange equations of the second kind

d{ oK) oK oP oD d| oK 0K oP oD
—| — ——+—+—=Fx 5 — —|-——+—+—=F 5
dt\ox, ) ox; ox; Ox ! dt\ oy, ) oy, oy, oy,
d| oK oK oP oD d| oK oK oP oD
_ -+ —+——= ¢1, ] — ——+_+—:F¢2,
dt\ o9, ) 04, 0, 0O, dt\ o9, ) 06, 09, 0, (2.6)

d| oK oK oOP oD
_— — | + - + —_— = F¢3 Py
dit\ 03 ) 0b; 003 0Ob;

where K, P, D- respectively the kinetic and potential energy and the energy dissipation function in the
system,

E L F, L Fy  Fy, By, —generalized forces according to the corresponding linear and angular coordinates.

We solve the system by numerical calculation using the Maple software environment. We perform
intermediate character transformations.

We determine the total kinetic energy K of the system, which is equal to the sum of the kinetic
energies of the masses m;, m, and m3, be

The masses are in plane or two-dimensional motion. Now then

2 2 2 .2 2 P2 .2 2 2
ELULINNLURS, +J1¢1 N O 2 B E. +Jz¢2.K _MsXs | TM3)3 +J3¢3‘ (2.8)
2 2 2777 2 2 2077 2 2 2

K,

The corresponding expressions for derivatives of Egs (2.5) were substituted into Eqgs (2.8) and after
simplification, we obtained

1 5, 1 o 1
K;=—mx; +—m;y; +—J,07;
1 2 1X1 2 1Y1 P 197
K_] HZ'Z_ H I 1 .2 1 .2 ]JZ
2= 1207 —myH 5%, +Em2x1 +3m2y1 +3 207 (2.9)

1 . Lo N . : 1 .
K;= 3’"33612 —mzH ,0,%, + m3xX,ed, sind, +m3x, H 303 +Em3H122¢5 +
—m3H 50,0880, —msH 20, H 305 + Em332¢§ +m3H 30,0384, +
1

: 1l . . 1,
+Em3H223<|)§ +Em3y12 —m3y,;€d,cosP, +EJ3¢§.

Therefore, the total kinetic energy of system (2.7) after summing of expressions (2.9) will be
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1 2 .\ 1 2 2\i2
+1(J+ a2+ L (g o H2 )02 = H b H b, 2.10
S\ ms;e ¢2+5 3+ mzH 53 |03 —myH 0% —mzH 50,5, + (2.10)
+m3)'c1H23<i)3 + m35€18<i)2 sing, —m;H 124’14’28 sing, —m;H 124’1H23d>3 +

+mzH y30,0;8sin0, —m;y e, cosd,.

Using Eq.(2.10), we calculate the derivatives of the kinetic energy K by velocities

0K . . . . .
523@(’”1 +my+m3z)—(my+mz)H b, +m; 0,8 sind, +mzH ;305

1
oK . :
——=yi(my+my+m3)—mzedh,cos0,;
oy

0K : . L :
Y (J; +myHiy +msHpy )by = (my +m3) Hypky —msHpy ey sind, —myHypHyshss (2.11)
I

STK = (Jy +m3e) by +ms esin gy —m3H ;€ sind, +mye Hys §ysing, —myjgcos, ;
2
0K 24 . : L
% =(J3 +m3H33) 03 +m3x Hys —myH ,H 30, +myeH 530, s8in ¢, .
3
We determine the derivatives of kinetic energy Eq.(2.10) by generalized coordinates
0K _y. OK_,  OK_,. 9K_,. 2.12)
x; Yy o9, 003
oK

% =m0, 080, —m3H 5ed,9, 05§, +mze Hz,5 cosd +mse s sing, .
2

We calculate the time derivatives of dependencies (2.11)

dl(oK) . .. . . .
E g =x1(m1+m2+m3)—(m2+m3)H12¢1+m38(¢§cos¢2+¢2s1n¢2)+m3H23¢3;
i
d(oK )| . . .
—| = =y](m1+m2+m3)+m38(¢§s1n¢2—¢Zcos¢2);
dt ayl
d( oK . ..
—| == |=(J; +myH}y + m3H), — (my +m3) H %, —
dt\ 0,
—m3H128 (d)gcosd)z +d;25in¢2)—m3H12H23d;3; (213)
d(| oK IR v . L L ..
o ﬁ =(J, +m3e") b, + mye (X;sind, + x,4, cosd, + y,0,sind, — j; cos§,) +
2

-m3H e (.d')l sing, +<i)1(i)2 cosd,)+mzH € (i|53 sing, +d)2d)3 cosd,);
d (8[(

o %J = myH 3%, —msH |, H 50, +m3H 58 (050080, + ¢, 5ind,) + (I +m3H33) ;-
3
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We determine the potential energy of the system, as well as its derivatives by independent
coordinates. It will be determined only by the potential energy of the elastic elements. For the zero level we
take the equilibrium position of the system when the system is at idle state. Now then

2 2 2 2
P C X7 N Cy(y1 +H0;) N C . X; N Cy(y1 —H,0;) ' (2.14)
2 2 2 2
Simplifying of Eq.(2.14), we obtain
P=c.xj +cyy12 +cyHé¢f. (2.15)
Derivatives in generalized coordinates from function of Eq.(2.15) are such
P P P P P
a—z2cxxl; a—:2<:yy,; a—chy Héd),; 6_: ; 6_: (2.16)
x, Yy o9, ! 00, 003
Let us determine the D energy dissipation function proportional to the velocity
D < Bt +Hy(J/1 +H,;30;) Y +Hy(J’1—Hi3(P1) .
2 2 2 2 2.17)
s (6, =92)°  fis (02 -05)’
+ + .
2 2
Simplifying Eq.(2.17), we obtain
: : S P
D =] 1,37+, H 307 +5i567 — (20,6, +
(2.18)
+1A .2+1A .g_A..JriA .2
> A > H302 — 130,03 > H303.
Derivatives of generalized velocities of function (2.18) will be
oD . oD . oD 2. A
—=2ux; —=2 ;0 —=2u H50,+ — ;
o, WXy o, Hyyi 3, Wy i1;30; +H) ((P1 (Pz)
(2.19)
oD . . . L : oD . . .
—=0(P=9;) +i5 (92— 03) 5 ——=M5(P35—P,).
0p, 0P3

We determine the generalized forces for each of the generalized coordinates, the force of gravity is
considered as the force of excitation
F. =F, =0; F,, =-m3;gH,;sin¢;—m;gecosd,cosds;
(2.20)
Fy, =M —m3gecosp,cosdz; Fy =—m3gH,zsing;

where M —engine torque, which depends on the angular velocity of the rotor (coordinate@,); g — acceleration
of gravity.

We connect the functions M and @, using the equation of an induction motor, Shatokhin [23].
Considering dependencies Eqgs (2.12), (2.13), (2.16), (2.19) and (2.20), system (2.6) is written as
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(m] +m, +m3)5é] —(m2 +m3)H]2(ﬁ1 +m38(('p§ cosSP, + ¢, sin(p2)+

+m3H23([.)3 +2€xx1 +2uxx1 =0 N

(m; +m, +m3)y,+m3s(('p§sin(p2 -0, cos<p2j+20yy1 +2u,5,=0;

5 5 . . .2 . .
(J] +m2H12 +m3H12)(P1—(m2 +m3)H12 x1—m3H128((p2 COS(P2 +(p2 Sln(PzJ'F

—m3H H 3¢5+ ZCyHizs(PJ + 2HyHi23¢>1 + (9, —¢,) = (2.21)
=—m3gH ,sinQ; —m;gecosp,cos Qs ;

(Jz +m332)(p2+m38£x1 sing, -y, coscpzj—m3H]28(p1sin(p2 +m3H ,36@;8inQ, +
+ﬁ2(¢2 _¢1)+}13 ((Pz —¢3) =M —m3;gecos@,cosQ; ;
(J3 + m3H223)(p3+ mzH y3 x1—m3H ,H »; (P1+m3H238((P2 CosSP, + ¢, Sm(PzJ +

+i; ((i)s - (i)z) =-m3;gH ;s Q; ;

Tpdy v

; . Tyl 2+ M

2Mmax(m0_¢2) T M D( 0)0—4)2}

- N, + D - 2+ — +

[le@ @) (@)
(DO (1)0 (DO

+| I+ L M =0.

—_ i 2 .
(”WJ("’” by
©y

3. Results and discussions
3.1. Results of mathematical simulation

The values of mechanical parameters of the oscillatory system included in the developed
mathematical model (2.21) are as follows

¢, =17500[N /m], ¢, =22500[N/m], &=0.00i[m], g=981 kg-m/s’],

Jy=13.54)kg-m’), Jy=0.03[kg-m’), J;=7.8[kg-m’ ],

m;=293[kg], m,=20[kg], m;=1538[kg].
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M, =18.7[N-m], [i,=0.007[N-m-s/rad], {(;=0.0035[N-m-s/rad],
e = 15000[N-m/s], w, =15000[N-m/s], Tp=0.0072[s], w,=314]s"].

Initial conditions

X (0)=0; y,(0)=0; 0,(0)=0; $,(0)=0; ¢5(0)=0; M(0)=0;
(3.1)
%(0)=0; 7,(0)=0; ¢;(0)=0; ¢,(0)=0; b3(0)=0; M(0)=0.

We solve the autonomous system of differential equations of motion of oscillating masses by the
Rosenbrock numerical method with help of Maplel3 software. For the transient mode of the machine, it is
enough to limit the time to two seconds. The results of modeling by generalized coordinates are shown in
Fig.4.

a) 0.0003 b)
- 0.00010f X127
M2
0.0001 0.00005—HHI
0 0
Bt -0.00005
-0.0002
- I t,s
~0.0003 0.0001¢ |
d] 0 0 1 1.5 2
c) .
Pz > — 0.0006F ¢, ,rad/s
250} rad/s =] ! 5
e 1 0.0005
200 V4 0.0004
150 / 0.0003
/ 0.0002
100 /
0.0001
50 =
.58 (e
:
0 0.5 1 15 -0.0001 |
0 0.5 | 1.5 2
e) f)
0.005 3
IBEASS N radls
14 \\ 0.003
oy M, ! 0.001 i
6} N ——
i -0.001 {
i t,8 = i |
0 - e 3 .
0 0.5 | 15 0.00: | 1,8

0 0.5 1 1.5 2
Fig.4. Time dependencies of the motion of oscillating masses by generalized coordinates.

The obtained dependencies indicate that the vibrating machine goes to steady state (electric motor —
at rated speed) for about /.7 [s] (Figs 4c, e). The set oscillation of the working body along the vertical axis
isy; = 0.32[mm] (Fig.4a) at a rotational speed Q = 305[rad/s] (2920 [rpm]) (Fig.4c). In this case, the
overload on the working body is as follows
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- Q°  0.00032-3057 3
g 9.81

The oscillation of the working body along the horizontal axis is x; = 0.09 [mm] (Fig.4b), which is by
3-5 times less than the vertical component. The amplitude of angular oscillations of the working body
(Fig.4d) is insignificant and is ¢; = 0.00021 [rad] = 0.012]deg].

Except for angular oscillations at forced frequency of Q = 305 [rad/s], the pendulum oscillates
around the axis of the shaft with a period of 1.5 [s]. It reaches nominal speeds without significant dynamic
modes.

3.2. The results of experimental studies

The experimental industrial sample of the vibration table is made (Fig.5a) and the signal (Fig.6) from
(Fig.5b) rigidly fixed to the working body sensor (weight m;) was picked up.

z
Bandwidth SO0H 2
Noise floor 320 peNHz

Measurement Range +18g
Shock survival 10,0008

Fig.5. Industrial sample of the vibrating table (a) and sensor (b) connected to the working body to record
the time characteristics of the oscillating mass

Assuming that the sensor is calibrated of Uy, ;, = 66[mV / g | (Fig.5b), and the amplitude value of the
g klg

sensor is U, =(1.9-1.4)/2=0.25[V](Fig.6a), the &conversion factor, which is also an indicator of
overload, is calculated as

E=U,; /Uy =0.25/0.066=3.8.

The operation of the vibrating table with the loading of the working body with a steel disk of 7130 kg
mass, laid through a thick soft rubber pad, has been studied. This simulated the actual load, as the rubber has
high dissipative properties and ensures a higher proportion of mass attachment. The amplitude of oscillations
of the working body (Fig.6b) has not changed.
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The value of the signal voltage from the sensor, V

_, TN
1,95 195-
1.9 r 19
1.85 185

1.8 18-
175} 175

rad] o
Ul

00:00:12: 269 a) 00:00:12:355 DU;DD:ﬁS:BSQ b) DD:DDIIjE! 045

Fig.6. Experimental time characteristics of the movement of the working body without (a) and with (b)
loading mass of m;,.q = 130 [kg].

Compared with unbalanced machines, this design is characterized by instantaneous start and stop of
the drive without prolonged transient modes (Fig.7). The system practically does not react tothe resonant
peak caused by vibration-insulating elastic elements.

I i
th = ™ 2
oh oh 0 Ch

00:00:0 00:00:04:320 00:00:19:872 00:00:20:736 LS

Passage time (when the vibrating machine is stopping) of the resonant
zone caused by vibration isolators (1 5)

-
= -

Fig.7. Experimental time characteristics of the working body movement when starting and stopping the
vibrating table.
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Conclusions

Two-mass vibration systems with eccentric-pendulum drive are widely used in industrial production
and in mechanical engineering. The above resonance mode of the oscillating system and the structural
solution of the working body ensures high rigidity of the structure at a relatively low weight. The first natural
frequency of the working body exceeds four times the forced oscillation frequency of the system. Therefore,
the parasitic oscillations of the working body, as a body with distributed mass, are minimal at the frequency
of forced oscillations.

On the basis of Lagrange equations of the second kind, the system of differential equations ensures
modeling of the energies of the oscillatory system without simplifications and conditional assumptions,
including energy dissipation. For the adopted parameters, the simulation results showed that the oscillations
of the working body along the horizontal axis are 3-5 times less than the vertical component. The amplitude
of angular oscillations of the working body is insignificant and is 0.012 degrees. At nominal operating modes
such an oscillating system is based on small dynamic modes.

The proposed two-mass vibration system with eccentric-pendulum drive in above resonant oscillation
mode is characterized by instantaneous start and stop of the drive without prolonged transient modes. The
system does not react to the resonant peak caused by vibration-insulating elastic elements. Experimental tests
have shown the advantage of the developed vibration system in comparison with unbalanced ones.

Nomenclature

¢y, ¢, — stiffness coefficients by the x and y axes, respectively, [N/m]
F, — excitation force, [N]
H;3,Hy;, Hi; — linear dimensions, [m], Fig.1
J1, J5, J3 — moments of inertia of m;, myandm;zmasses respectively, [kg~m2]
M — moment of perturbation of the rotor of the electric motor, [N-m]
M,,.. — maximum torque of the electric motor, [N-m]
my, my, m3 — respectively, the mass of the working body, the eccentric shaft and the pendulum, [kg]
Tp — electromagnetic time constant, [s]
X, ¥, z — coordinate axes
X5, ¥; — linear coordinates of the center of m; mass, [m]
X3, V2, X3, v3 — linear coordinates of centers of m, and msmass respectively, [m]
€ — eccentricity, [m]
v, — forced frequency of the working body, [Hz]
I, 1y, — proportional to the velocity viscous friction coefficients reflect the energy dissipation in the vibration
isolators as the masses of m; move along the x and y axes respectively, [N-s/m]
fio,fi; — coefficients of the viscous rolling resistance of the bearings of the m; and m; masses, [N-m-s/rad]

¢; — angular deviation of m; mass from its own center of mass, [°]

¢, @3 — angular deviation of m, and msmasses around their own centers of mass, respectively, [°]
®y — circular voltage frequency in the power grid, [s”]
Q —rotational speed (the forced frequency), [rad/s]
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